give a large increase in torque at low slip running conditions. However, pressure variations within the coupling are also increased and so the angled vane geometry will be more susceptible to cavitation.
INTRODUCTION
Fluid couplings are used in engineering applications due to their unique features in flexible transmission of shaft torque between a pair of driving and driven shafts.
The principle of a fluid coupling and a model wheel geometry proposed for an industrial application are shown in Figures 1-a and 1-b , respectively. A pair of wheels rotate about the coupling axis at different speeds, with a small axial gap between them. The chamber is filled with low viscosity oil, and a circulation is established in the coupling circuit due to the differential rotation. This leads to exchange of angular momentum between the two wheels. The driving wheel works as a pump, imparting angular momentum to the working fluid, while the driven wheel works as a turbine, receiving the angular momentum from the fluid. Therefore, a flexible transfer of shaft torque is realized from the driving pump impeller to the driven turbine runner through the working fluid without mechanical contact.
Research work on fluid couplings is reported in the open literature as early as the 1930's. As described by Sinclair [1, 2] , the early emphasis was on experimental investigations. Later in the 1960's and 70's, a number of studies were published including the development of elementary 1D and 2D forced vortex flow models for prediction of fluid coupling performance, see, for example, Qualman and Egbert [3] , Wallace et al. [4] and Whitfield et al. [5] . Experimental studies and design developments have continued up to the present day. The flow inside the couplings is complex, especially under partially-filled or cavitating conditions. Different flow regimes occur depending on the conditions and so prediction of coupling performance is difficult.
Several useful experimental studies are reported in Japanese journals and Germany theses. In 1967, Ishihara et al. [6] give results for the effects of geometrical ~3~ parameters on the coupling performance. Flow visualization is reported in 1980 by Uchiyama et al. [7] , highlighting the importance of speed ratio and filling fraction on flow and performance. The torque-speed characteristics have been shown to be subject to instability and to be sensitive to small changes in conditions by Uchiyama et al. [8] , Takenaga et al. [9] and Matsui et al. [10] . These conclusions are confirmed for various coupling geometries and operating conditions by other experimental studies, such as those by Middelmann [11] , Wiennholt [12] and Kurokawa et al. [13] .
A literature survey has revealed few publications on numerical investigations of the internal flow in fluid couplings. Almost all those that are available are from the Ruhr University research group and its research partners. A laminar flow simulation was reported in 1994 by Kost et al. [14] , and Bai et al. [15] reported a turbulent flow simulation. The flows were assumed to be single-phase and incompressible in a onepitch domain for a model fluid coupling with a rectangular cross-section geometry.
Turbulent flow modelling was reported to give better predictions, and most of the flow simulations thereafter assumed turbulent flow using the k- model (Formanski et al. [16] , Huitenga et al. [17] and Bai et al. [18] . Strong unsteadiness and the forced vortex flow were correctly reproduced by the CFD calculations. CFD solutions were also used in improving start-up behaviour of a fluid coupling by Huitenga and Mitra [19] and in exploring torque output enhancement by employing angled vanes by Bai et al. [20] . phase flow. Two extreme filling conditions, fully-filled (oil-filled) and completely empty (air-filled), were examined. The CFD data obtained are compared with available measurements from publications. As some engineering applications may require the coupling to run empty at high rotation speed, heat transfer was also investigated to get some insight into the possible cooling requirements. As far as authors are aware, this is the first publication addressing effects of coupling size, coolant throughflow and heat transfer.
MODEL DESCRIPTION

The Fluid Coupling
The industrial fluid couplings under investigation have a circular cross section to minimise the wetted area, as shown in Figure 1 
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The speed ratio between the two wheels is defined as SR= t / p , where  p and  t denote the angular speeds of pump impeller and turbine runner, respectively.
Although the technical term slip ratio 1-SR is also commonly used in the engineering literature, the speed ratio SR is generally used in this paper for convenience.
Obviously, the speed ratio SR should normally be between 0 and 1, with SR=0
describing the stall condition, where the turbine runner is stationary. At this condition, the induced circulation and shaft torque generated are expected to reach their maxima.
SR=1 designates a condition of synchronous rotation, i.e.  t = p , where "solid-body" rotation of the fluid is expected and consequently both the induced circulation and shaft torque generated reduce to zero.
The speed ratio investigated in the present CFD investigation covers a range from SR=0 to SR=0.8. 6 , where D o stands for the outer diameter of the coupling and  denotes kinematic viscosity of the working fluid, oil or air, at wall temperature and operating pressure conditions. Accordingly, the flow inside the couplings was assumed fully-turbulent in all the calculations.
1D Model Analysis
For a quick estimation of the coupling performance, an elementary one- 
where m  = induced mass flow rate, = density of the working fluid 
When the flow in each half of the coupling is assumed to reach the "solid body" rotation (no slip) and to follow the straight vane surface at exits of both pump impeller and turbine runner, as might be expected when there is a large number of vanes, see Figure 2 -b for illustration with subscripts p and t denoting pump and turbine, respectively, the shaft torque M will be given by 
where P 1 and P 2 are the pressure at the mean streamline radii R 1 and R 2 , respectively.
As a result, the induced velocity can be obtained by equating the mean pressure rise in the pump impeller P p and the mean pressure drop in the turbine runner P t .
From the coupling geometry, the inner and outer radii of the coupling R i and R o can be easily related to the mean pitch diameter D of the coupling and the minor diameter d of the cross section of the coupling circuit.
Therefore, the shaft torque can be rewritten in the following form
Normally, the dimensionless torque coefficient C m is used, which is given by JMES1478R1: Analysis of Fluid Flow and Heat Transfer in Industrial Fluid Couplings Revised version for J. Mech Eng Sci (Part C, Proc. IMechE)
Where SR=  t / p , the speed ratio between the pump impeller and turbine runner.
By assuming a loss coefficient K for a known coupling geometry and operating conditions, the coupling torque output can be obtained as a function of the speed ratio SR. A comparison of the 1D torque predictions with CFD results and experimental data will be discussed in the next section.
CFD Meshing
To reduce the computational requirements, all the calculations were performed on a one pitch domain with assumed pitchwise periodicity and 20 vanes for both wheels.
A numerical investigation on mesh dependence was then conducted to determine the appropriate size of mesh for the present CFD study using the small fluid coupling The axis of rotation is the x-coordinate, as depicted in Figure 3 -a. The cell numbers of the four meshes used in the investigation are given in Table- 
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For the large fluid coupling, the number of mesh cells was increased in the present investigation to 648,968 in proportion to the physical size of the fluid coupling. By doing so, the mesh resolution of the large coupling model is comparable to the small one.
All the meshes were generated in GAMBIT by first defining a 2D mesh on a cross sectional plane of the turbine runner, and then extruding this circumferentially. The mesh for the pump part was obtained from a mirror copy of its turbine counterpart.
The meshes generated are of hexahedral type with a uniform angular spacing in the circumferential direction. The observed mean non-dimensional near-wall distance (y + )
was typically between 34 and 84 in the calculations for both the CFD models, 
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of rotational speed between pump and turbine wheels being equal to 1000 rpm, for example, the time step is 6.25x10 -5 and 3.75x 10 -5 seconds for the small and large couplings, respectively. The pitchwise spacing was determined to guarantee the nondimensional near-wall distance (y + ) on the blade surface to be within the range for a
proper implementation of wall function. As stated in the previous paragraph, the observed near-wall distance (y + ) was typically between 34 and 84. All walls were assumed to be no-slip except the axial gaps between the pump and turbine, where slip conditions were applied. No inflow and outflow were imposed for the coupling under investigation unless otherwise stated. For heat transfer calculations, all wall temperatures were assumed constant and uniform.
All the CFD solutions were obtained using an implicit pressure correction algorithm in the absolute frame. The spatial and temporal discretizations were 2nd order upwind scheme (UWS) and 2nd order implicit, respectively, for all the simulations except for a few test cases at empty filling conditions where the Mach number of the air flow is close to transonic or higher and calculations suffer from instability with the second order solver. In those cases, a first order solver was used instead.
Working fluid properties were set to model either oil (fully-filled) or air (empty state). The flow was regarded as incompressible at the fully-filled condition (oilfilled) and at low Mach number conditions when air was the working fluid.
Otherwise, the ideal gas law was used for the air flow cases. Heat transfer calculations were conducted for the air flows.
RESULTS
JMES1478R1: Analysis of Fluid Flow and Heat Transfer in Industrial Fluid Couplings
Revised version for J. Mech Eng Sci (Part C, Proc. IMechE)
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The first three subsections below present CFD results for shaft torque characteristics, flow dynamics inside the coupling and heat transfer. The results are based on the CFD models described above for the enclosed fluid couplings with radial plate vanes. The effects of cooling throughflow, number of vanes and angled vanes are discussed in three further subsections. These include description of modifications made to the baseline CFD models.
Shaft Torque Characteristics
A typical time history of turbine shaft torque is shown in Figure 4 . This CFD result was obtained for the oil-filled small coupling at the stall condition SR=0, with a
Reynolds number Re=0. Results from the elementary, one-dimensional vortex flow model described in Section 2.2 are also included in Figure 6 , assuming the loss coefficient K=0.5, 1.0 or 1.5. It appears that at high speed ratio the appropriate loss coefficient K for the 1D
model is approximately equal to 0.5, whereas at low speed ratio close to the stall condition, the loss coefficient K approaches roughly to 1.0. This could be associated with increased flow separation and hence losses at lower speed ratios.
Flow Dynamics
An instantaneous velocity vector plot in an angular plane is shown in Figure 7 .
The CFD result is obtained for the oil-filled large coupling at a high speed ratio SR=0.8 with a Reynolds number Re=0. 
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bigger than the wheel "solid-body" rotation. This is attributed to secondary tangential flow in the pump rotation direction in the mid-axial plane.
Due to the strong induced circulation, the positive radial pressure gradient due to the wheel rotation is partly suppressed and consequently the mean pressure profile at the mid axial plane exhibits a "V" shape, with a minimum at the induced vortex centre. This is shown by the time mean pressure profile in Figure 9 . Hence for the oilfilled state, there is a risk of air capture in the core region of the coupling, as air bubbles appear due to cavitation or come into the coupling circuit with the cooling throughflow. The CFD simulations show low instantaneous pressures and these could trigger cavitation. A circumferential variation of pressure at the axial gap including wheel' inlets and outlets is indicated in Figure 9 . These pressures are obtained for the angular position of the rotating coupling shown in Figure 7 . Cavitation could occur in the coupling if the operating pressure is not high enough for the lowest absolute instantaneous pressures to be greater than the vapour saturation pressure. Higher fluid temperatures would decrease the saturation pressure and consequently make the situation worse. Air bubbles might also enter with the cooling inflow or be sucked from the outlet of the cooling throughflow due to a reverse flow, as discussed later.
When the speed ratio SR decreases, the "V" shape of the pressure profile becomes stronger and minimum instantaneous pressures decrease further. Thus air capture and cavitation are more likely at lower speed ratio and running at higher speed.
As discussed in section 3.1, the CFD solutions also reveal extensive flow separations in the coupling. These are mostly on the vane suction sides and in the core region of the coupling, where local instantaneous pressures are low. The flow separations on the vane suction sides at wheels' inlets are considered as a result of large flow incidence. The flow incidence  is defined as
Where V m = sqrt (V a 2 + V r 2 ) denotes the meridional velocity. V a , V r and V  designate the axial, radial and tangential velocity components, respectively, and the subscripts p and t denote pump and turbine wheels, respectively. Figure 10 gives CFD predictions for time mean flow incidence for oil-filled coupling at SR=0.8. A circumferential variation of flow incidence for the turbine obtained at the angular position in Figure 7 is also shown. It can be seen that the mean flow incidences are,  p around 17 deg at the inner radius (pump inlet), and  t around -35 deg at the outer radius (turbine inlet).
At outlets of the pump and turbine, the mean flow incidences are small, around 2 deg for the turbine outlet at inner radius and -5 deg for the pump outlet at outer radius for this test case at high speed ratio SR=0. 
Heat Transfer
The power loss due to the work done on the fluid inevitably heats the fluid in the coupling. To get some insight into the heating effect, and accordingly the cooling requirements, a heat transfer investigation was conducted. For the proposed application under investigation, it was recognised that the heating effect could be far more significant when running empty with air at very high speed. Hence, only the empty condition running with air was considered in the investigation. The heat generated should be equal to the difference of power between pump input and turbine output, and reaches its maximum at the stall condition. Therefore, the range of low to medium rotation speed ratio SR was selected in the investigation. Table 2 gives a summary of the operating parameters for test cases studied. The working fluid air was treated as an ideal gas, with its viscosity and thermal properties specified as a function of temperature. All walls were assumed to be at a uniform temperature. The unsteady CFD solutions were run until they were periodic and the overall energy and momentum balances for the coupling were satisfied to less than 1% representative values. Figure 12 shows the time mean bulk air temperature rise over wall temperature obtained in the pump impeller part for both small and large couplings from the stall condition SR=0 to a medium speed ratio SR=0.67. The temperature rise obtained in the turbine runner part from the CFD solutions is very close to that for the pump part.
The mean bulk air temperature rise over wall temperature T is a time average value of a temperature difference between the relative total bulk temperature and wall temperature for either pump or turbine part of a coupling:
JMES1478R1: Analysis of Fluid Flow and Heat Transfer in Industrial Fluid Couplings Revised version for J. Mech Eng Sci (Part C, Proc. IMechE)
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The rotational Mach number is defined at the pump outer radius:
where a is speed of sound at the operating condition. It can be seen from Figure 12 that ratio of the temperature rise over ½( p R o ) 2 /C p varies between 4 and 7 over a range of the rotational Mach number up to 0.72 for the test case investigated.
Although the CFD data is not sufficient to establish a general correlation, this initial heat investigation gives an indication of fluid temperature levels, dependence on the rotational Mach number, and the possible cooling requirements. For the higher Mach numbers the temperature obtained in the CFD solutions is typically over 100K higher than metal temperature. It is to be expected that the temperature rise will be dependent on speed ratio SR and Reynolds number as well as Mach number, and this has not been fully investigated in the present study.
A noticeable temperature rise will inevitably affect on the fluid coupling performance. The output drop in torque from its corresponding incompressible flow solution is included in Figure 12 . It can be seen that the torque drop is significant at high rotational Mach number. For low Mach number flow, the torque drop is small or negligible, as expected.
The torque drop is clearly related to the temperature distribution in the coupling.
A snapshot of an instantaneous static air temperature is shown in Figure 13 (17) Although the CFD data is not sufficient to make an accurate correlation, the obtained power index 0.57 for the correlation might be useful in some engineering calculations for convective heat transfer.
Note that the passage Reynolds number is used in the Nusselt correlation, as this is directly related to the mean induced circulating velocity that drives the heat transfer.
The passage Reynolds number is defined as where V ind is the mean induced circulating velocity as shown in Figure 2 , which can be obtained from Equation (1) in terms of the circulating mass rate as follows.
Note also that in general the Nusselt number may also depend on speed ratio SR as well as the rotational Reynolds number.
Effect of Cooling Throughflow
A cooling approach considered in the proposed application is that the cooling flow is introduced at the inner radius from the gap between the two wheels and is discharged at the outer radius, as shown in Figure 16 . These results show that the main circulating flow in the coupling was not significantly dependent on the cooling flow. As a result, the effect of the cooling flow on the torque output would also be insignificant for the conditions considered.
Effect of Number of Vanes
To show the influence of the number of vanes used, simulations were conducted The flow conditions for all three test cases are identical with oil flow, a speed ratio SR=0.8 , and a Reynolds number Re=0.635x10 6 .
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A graphical representation of the torques obtained for the three test cases is shown in Figure 18 . The pitch-to-diameter ratio D/dZ is used as the abscissa, recognising as discussed by Takenaga case. Therefore, the 20 vane option is likely to be an appropriate choice for the coupling under investigation.
Angled Vanes
An illustration of the angled vane and corresponding velocity triangle is shown in Figure 19 . A vane angle of 20 from the axial direction was chosen to investigate the potential enhancement of torque output. For simplicity, the identical vane angle was considered for the pump impeller and, as before both wheels have 20 vanes. The separations could be more severe at low speed ratio region
The CFD solutions indicate that the enhancement of torque output is due to a significant increase in the difference of tangential velocity between the wheel exit and inlet, or the vane load. The strength of the induced circulation increases moderately.
The mean absolute pressures at the centre of the induced vortex are much lower than its radial vane counterpart. When moving towards the low speed ratio, i.e., higher slip, the torque increases rapidly, and the minimum pressures drops significantly. Checking the CFD solutions at the assumed operating pressure level, it was found that negative absolute pressures occur in the coupling even at the high speed ratio SR=0.8. As a result, cavitation will occur.
A crude correction was proposed to take the cavitation effect into account in estimating the torque output from the single-phase flow solution. In this proposed approach, the minimum absolute pressure used in calculating the moment was limited to the saturation value, i.e.
Absolute pressure P abs = P s when P abs < P s in estimating the shaft torque
As the saturated vapour pressure of gas turbine oil at temperature of interest is very low (eg typically less that 25Pa at 200C) and P s was approximated as zero. The corrected shaft torque for the 20 vane is included in Figure 20 . This crude correction
indicates that the impact of cavitation on the torque characteristics is highly significant and is highly likely to strongly limit the potential for increased torque generation.
CONCLUSIONS
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